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Active HH,, Control of Sound Radiation
from Thin Cylindrical Panels

Moshe Idan,* Baruch Pletner," and Tanchum Weller*
Technion—lIsrael Institute of Technology, 32000 Haifa, Israel

Active control of sound radiated by thin-walled cylindrical panels using arrays of spatially discrete piezoelectric
sensors and actuators is addressed. A new general methodology for the design of controllers to reduce structure
radiated noise is presented. The methodology utilizes finite element modeling to perform structural discretization.
The structure dynamics model, presented in state-space form, incorporates simplified models of the piezoelectric
sensing and actuation and accounts for the mass and stiffness of the piezoelectric elements. The acoustic power
radiated by the structure into the far field is expressed as a quadratic form of the system states that is used to define
an acoustic performance criterion in an Heo disturbance rejection controller design setup. The methodology is
applied for active control of sound radiated by a vibrating thin cylindrical panel excited by a persistent external
force. The controller performance is evaluated using numerical simulations of the controlled structure. It is shown
that the sound radiated by the panel into the far field is effectively controlled and reduced.

Introduction

CTIVE structural acoustic control (ASAC) has been exten-

sively addressed in the literature. In essence, ASAC can be
interpreted as attenuation of structureradiated sound resulting from
a persistentexcitation/disturbance. In controllerdesign terms, it can
be viewed as a disturbancerejection problem, the control objective
of which is to minimize structure radiated sound, specified by an
analytical sound radiation model. This is closely related to conven-
tional vibration suppression control, often obtained by increasing
(passivelyor actively) the damping of the controlledstructure, which
also reduces the structure radiated sound. Because effective ASAC
should tackle the sound radiation mechanisms directly, which, in
addition to the vibrational power, includes additional important pa-
rameters such as vibrationalmode shapes, excitation frequency,and
others, use of a controller specifically designed to minimize the
sound radiation should be more effective.

As an application of intelligent structures technology, ASAC re-
lies on integrating piezoelectric sensors and actuators, for example,
PVDF and PZT, into the structure. Modeling of such an integrated
structure has been the subject of on-going research, with initial re-
sultsreportedby Crawley and de Luis,' followedby Wang? and more
recently by Pletner and Abramovich,? to name but a few. The sound
radiated by a vibrating structure into the far field from measure-
ments of the structural velocity field was investigated, both analyt-
ically and experimentally, by Clark and Fuller,* Mathur and Tran,’
and others. The analytical formulation presented in these studies
was exclusively performed on simple structures (simply supported
beams and plates), while neglecting the mass and stiffness of the
sensors and actuators. More complex structures, such as cylindri-
cal shells® and airplane fuselage,’ were treated only experimentally.
The ASAC controllerdesigns documented in the literature are lim-
ited to proportional and least mean squares algorithms, which are
used to control the experimental structure.

To make ASAC applicablefor commercial applications,areliable
methodology that covers the design and analysis of adaptive struc-
tures with complex geometric and material properties, incorporates
a model of the sound radiation mechanism, and includes appropri-
ate control synthesis algorithms is needed. This goal is undertaken
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in this study, which presents a new methodology that attempts to
address ASAC objectives. This methodology, which utilizes finite
element (FE) tools to obtain a discrete representationof the contin-
uous structure dynamics of (almost any) linearly elastic thin-walled
structural element, incorporating piezoelectric sensing and actua-
tion, uses the recent results of Pletner and Abramovich.? Because
FE models of continuousstructurestend to be very large, making the
synthesis, analysis, and implementation of the controlled structure
extremely difficult, static condensationand/or balanced truncation®
techniques are employed to reduce the model dimensions.

The acoustic power radiated by the structure into the far field
can be expressed as a quadratic form of the system states. This
forms the basis for a controllerdesign setup, where the performance
specifications are given by requirements on the allowable acoustic
power. The controllersynthesis, which includes the soundreduction
criteria, sensor noise, and actuation limits, is stated as a disturbance
rejection problem in the H, framework.

The advantage of the methodologyproposedhereinis in its gener-
ality. Itis applicableto any linearly elastic structure and permits the
applicationof the latest techniquesin state-space multi-input/multi-
output control design tools. This study aims at demonstrating the
performanceand effectivenessof the resultingcontrollerin reducing
the sound radiated by a vibrating cylindrical panel.

Methodology Outline

This section summarizes the new proposed methodology, which
includes three major parts: the control-oriented modeling of the
structural dynamics and piezoelectric actuation and sensing, the
derivation of acoustic performance criterion, and the controller
design.

Structural Dynamics

Structural response to mechanical or piezoelectric excitation
is governed by spatially continuous partial differential equations.
Design of model-based controllers requires, however, a finite-
dimensional,or spatially discrete, model of the structural dynamics,
which in the current methodologyis obtainedusing the FE modeling
technique. State-of-the-art FE codes (ANSYS® in the present study)
allow the analysis of structures with complex boundary conditions
and varying elastic and geometric properties. It should be noted
that any other method for approximating the structural response
by a finite-dimensionalsystem of ordinary differential equations is
applicable in conjunction with the controller design methodology
discussed in the sequel. The finite-dimensional model of the con-
trolled structure has to account for the mass and stiffness properties
of the piezoelectric laminas. Neglecting those may cause notice-
able model errors and, consequently, degrade the performance of
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the model-based controller. FE modeling provides the mass and
stiffness matrices of the structure and the structural load vector. In
addition, the frequency and shape of the structural modes, obtained
from the FE model, can be used to assess their sound radiation
properties and, thus, can guide in placement of the piezoelectric
elements. Note that the importantissue of optimal actuator and sen-
sor placement was not addressed in this study and is the subject of
further research.

The structural load vector included in the FE model consists of
the piezoelectric control forces and the external disturbance or ex-
citation forces. (Forces are defined in the generalized sense and
include both forces and moments.) In the present FE modeling, the
piezoelectric actuation is incorporated by application of the equiv-
alent mechanical loads technique to substitute for the piezoelectric
induced strain control inputs.’ This substitution is of practical im-
portance in using commercial FE codes for modeling of the con-
trolled structure. It provides the flexibility to choose element types
that yield maximum accuracy, while retaining a low number of de-
grees of freedom (DOF) in the finite-dimension representation of
the structural dynamics. Note, further, that piezoelectricsensing de-
pends on the type of FEs used in the FE model because modeling
of piezoelectric sensing requires incorporation of the structural ro-
tation angles at the edges of the sensors.'

To comply with the format of many modern model-based con-
trollerdesigntechniques,the finite-dimensionalstructuraldynamics
model obtained using FE is presented in state-space form. The in-
put matrix is constructed using the electrical-to-mechanical scaling
coefficients found utilizing the tools of Ref. 3, whereas the mea-
surements matrix is constructed using the model of piezoelectric
sensing.!!

FE models of complex structures may contain thousands of DOF,
resulting in very large dynamics models. Controllers for systems of
this ordercannotbe synthesizedby the currently availablenumerical
design tools. Hence, it is necessary to reduce the order of the sys-
tem, without significantly degrading model accuracy. In the current
design methodology this is done in two stages: First, a reduced FE
model is obtained using the static condensationtechnique'?; second,
following the construction of the state-space model and the formu-
lation of the performance criterion, balanced truncation is used to
reduce the system order even further?

Acoustic Performance Criteria

The total acoustic power radiated by a thin-walled vibrating struc-
tures into the far field'? is used as the main controller performance
criterion in this study. Utilizing the wave number theory, the acous-
tic power is derived as a function of the structural velocity field,
presented in the spatially continuous (infinite-dimensional) form.
These analytical expressions are discretized and expressed as a
quadratic function of the finite-dimensional system states. The ap-
proximate quadraticexpressionsof the acoustic power are defined as
ASAC performance criterion. Together with the finite-dimensional
model of the structure dynamics, this criterion is suitable for many
modern controller synthesis schemes, for example, linear quadratic
Gaussian, H,, i, etc.

Controller Design

Itis assumed that the structureradiated sound results from steady-
state vibrations excited by a persistent, narrowband and power-
bounded external force and that the controlled structure is closed-
loop stable and, thus, does not generate energy. This ensures that
the structural outputs, which consist of mechanical vibrations and
sound radiation, are also persistent power-bounded processes. Re-
jection of power-boundedresponsedue to power-boundedinput can
be naturally cast as an H.,, disturbancerejection control problem.!*
Other suitable controller design techniques may also be used with
the general state-space formulation of the structural dynamics and
the aforementioned quadratic performance criterion.

In addition to the main acoustic performance criterion, the Ho
controller synthesis procedure can incorporate limits on the maxi-
mum driving voltage inputs to the piezoelectricactuators,dynamics
characteristics (bandwidth, scaling, and range) of the piezoelec-
tric sensors, their measurementnoise characteristics,and more. The

characteristics of the piezoelectric elements can be obtained from
manufacturers data sheets or from experiments. Additional noise
signals and uncertainty blocks can be introduced in the controller
synthesis setup as design parameters to compensate for the mod-
eling inaccuracies due to model order reduction, model parameter
uncertainties, and more.

Design Methodology: Summary

The present design methodology, which covers the modeling,
acoustics, and controller design aspects of ASAC, is discussed in
detail in Ref. 11. For completeness, a brief outline of each step of
this methodology is presented in the following sections, followed
by a detail ASAC design for a thin-walled cylindrical panel.

Structural Dynamics with Piezoelectric
Sensing and Actuation

Using a curvilinear coordinate system (o1, o, 3) for modeling
thin panels, it is assumed that their dimensions in one direction
(a3) are much smaller than those in the (o, ;) directions. During
vibrations, the transverse a3 component of the resulting structural
velocity affects the surrounding fluid medium and can radiate sound
into the far field. Therefore, active control of this sound radiation
requires control of the transverse velocities.

The FE method is applied to obtain a discretized model of the
structure dynamics. This model also incorporates the piezoelectric
actuationand sensing. The general form of such a model, excited by
N, external forces f (1), and controlled by N, voltage inputs V;/ (1)
to the piezoceramic actuators, is represented by

Ne Na
Md+Cid+Kd=Y F.f 1)+ FVI() ()

i=1 j=1

where M, C,,andK are the global mass, damping, and stiffness
matrices, respectively;d is the nodal displacement vector, F! is the
load coefficient vector generated by the FE model for the i th external
excitation force, and F7, is the load coefficient vector for the jth
actuator. Equation (1) was obtained after static condensation, that is
after eliminating some of the FE DOF without noticeably affecting
the low-frequency behavior of the model.

The model of Eq. (1) is easily transformed into the state-space

form
- f NL
x—Ax-I—B{Va}, x{d} 2)
y=Cyx 3)
v=C,x 4)

where y is the vector of the piezoelectric measurements and v is the
nodal velocity vector that is used to calculate the far-field acoustic
powerin the nextsection.The vectors f and V, contain the excitation
forces and control voltages, respectively.

The voltage measured across a piezoelectric sensor is a function
of the transverse motion w (¢, ;) of the structure. For thin-walled
structures this motion can be approximately expressed as a product
of two single-coordinatefunctions

w(a, az) = wy (o) w ()
As shown by Pletnerand Abramovich,'” the voltage measuredacross

a single layer piezoelectric sensor (the /th sensor) that constitutes a
generalized rectangle in the (o, a) plane is given by
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where / is half the plate thickness, ¢}, and €', are the plezoelectrlc
constltutlveparameters and C, is the sensor capacitance.Here, oti ,
al®,ab® andal” aretheleft, right, back,and frontedge coordinates
of the sensor.

The continuous presentationof the piezoelectric sensing given in
Eq. (5) can be approximated using the spatially discretized model
of the structural dynamics, Eqs. (2) and (3), through the elements
of the matrix C,. The actual expressions depend on the type of the
FEs used in the modeling. For elements that include rotational DOF,
such as the ANSYS SHELL elements,’ the slopes in Eq. (5) are a
subset of the model DOF and, thus, of the state space vector. In this
case C, will be constructed of the terms +he}, /C; and £hel,/C,
in the appropriate locations, determined by the sensor location and
geometry. If only translational DOF constitute the structural dy-
namics model, for example, using only ANSYS SOLID elements,
these slopes can be approximated using finite differences between
adjacent node translations'!

W LR+1 — W ILR-1
o 3

wi (o) = — e ©)

where, w olR 1 and w k-1 are the displacements of the nodes

adjacent {0 the edge ndde Ot R and Aq, —ai Rl lR*l . Be-

cause these displacements are part of the state vector x, the appro-

priate elements of C, will be +he}, /(C;Aa;) and :theéz/(C,Aozz).
The matrix C, is constructed as

=00} C] )

where the elements of C are setto 1 at the locationsof the transversal
nodal velocities that are a subset of the velocity vectord.

Sound Radiation from Thin-Walled Structures

The theory of sound radiation by structural vibration presented
in this section assumes that only the transverse component of the
structural velocity field can radiate sound and that the structural
displacements are small. This theory assumes that sound radiated
by structural vibration is different in the low- and high-frequency
ranges. The particularfrequencyseparatingthese two bandsis called
the cutoff or critical frequency w. (Ref. 13). At this frequency, the
structural and acoustic wavelengths coincide, which is expressedas

w. = c*/p/D (®)

where c is the speed of sound in the surrounding fluid medium, p is
the structure mass per unit area, and D the bending stiffness of the
structure.'

The radiation efficiency o of the structure is defined as the ratio
of the total normalized acoustic power radiated into the far field to
the spatial and temporal average of the squared structural velocity
field (v?(ar;, a2, 1)). When the structural response is expressed as a
modal sum, the (m, n) modal radiation efficiency of a generalized
rectangular structure in the («;, ;) plane takes on the form

o= el ©)

<v§m(oz1, o, t))
where P is the acoustic power, p is the structure density, and L,
and L, are the structure’s dimensions in (¢, a,) coordinates. The
index pair (m, n) denotes the structural mode number or the number
of bending half-waves in the (¢, o) directions. For frequencies
higherthan w,, the sound intensityradiatedby the vibrating structure
is largely independent of the modal order and, therefore, of the
vibrational shape In the ® < w, frequency range, the radiation
efficiency varies widely with the modal order, that is, the spatial
distribution of the structural velocity field.

As is apparent from Eq. (8), the critical frequency s directly pro-
portionalto the square root of the structural mass density to stiffness
ratio. Hence, heavy, compliant structures will have a higher critical
frequency than light, stiff ones. Note that, although in general the
radiation efficiency at frequencies below the critical are relatively
low, there can be low-frequency structural modes that efficiently

radiate sound into the surrounding medium. Furthermore, the fre-
quency spectrumofup to 5 kHz, typical of cutoff frequenciesfor thin
plates, is particularly unpleasant and even damaging to humans.'®

Passive sound attenuation, obtained by attaching a layer of low
stiffness-to-massratio material to the vibrating structure, however,
increases w, and structural damping. This could be undesirable, es-
pecially in lightweight structures (like airframes). Furthermore, this
yields a large frequency band w < w, for which the sound radia-
tion efficiency is generally lower, but displays a strong dependence
on the modal order and subsequently on the vibrational shape of
the structure. Therefore, the attenuation of the radiated sound be-
low the critical frequency has to be treated by active sound control
schemes. Thus, a combination of passive and active sound control
techniques will provide the best available solution to the problem
of the reduction of structure radiated sound over a broad frequency
range.

Efficient active acoustic control requires a reliable model of the
sound radiation mechanism. In addition, it is important that this
model can be incorporated within an appropriate controller design
methodology framework. The well-established wave number the-
ory for structure sound radiation is used here to develop an acous-
tic performance criterion that utilizes the discretized model of the
structural dynamics. In particular, in the case of steady-state sound
radiation due to a single frequency excitation, a quadratic perfor-
mance criterionis obtained. This criterionis suitable for a multitude
of controller synthesis and analysis methods and, thus, was adopted
in the current study.

Note that the wave number theory is applicable to the current
analysis only if the following two assumptions are met: nonlinear
structural behavior, regardless of its origin, may be neglected and
any discontinuitiesin the structural elements, such as holes, stiffen-
ers, etc., do not significantly affect the bending wave propagation
mechanism. In the case of significant nonlinearities and structural
discontinuities, the structural elements may be redefined, or a nu-
merical approach may be adopted in lieu of the current analysis.

Continuous Formulation
The steady-state response of a thin-walled structure excited by a
single frequency force is given by

vy, @, 1) = V(ay, ap)e’ (10)

where V (¢, «,) is the steady-state spatial vibrational shape and w
is the excitation frequency. The total acoustic power radiated by the
structure into the far field is given by'3

[0(ky, k)I?

“w |l
I NCErE

where k, £ w/c is the acoustic wave number and k; and k, are
the structural wave numbers; the integration is performed over the
radiating circle Ag, defined by k? + k3 = k2, and the transformed
velocity field 0 (k,, k,) is defined by

dk; dk, (11)

ﬁ(kl,kz)=// V(ar, aa) exply (ko + ko) dA (12)
A

where A is the total area of the structure.
The sound intensity Ly, sometimes referred as sound pressure
level (SPL), can be expressed in the familiar decibel units as!o

LW = IOIOgIO(P/PO) (13)

where Py = 1 x 107'2 W/m? is the sensitivity threshold of the
human ear for standard atmospheric conditions at sea level.

State-Space Formulation

Because of the complex form of Eqgs. (11) and (12), analytical
evaluation of the acoustic power for general boundary conditions
is impossible.!* Therefore, a discrete approximation of the acous-
tic power is derived for the discretized FE model of the structure
dynamics.
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The steady-state structural response for a single frequency exci-
tation is expressed as

V(1) = C x5 (1) = CvXeJW L yelot (14)

where X and V are the steady-state displacement and velocity
shapes, respectively. To approximate the acoustic power, the spa-
tial and the wave number domains must be discretized. The spatial
domain (in the in-plane directions) was already discretized by the
FE model, leading to a spatial mesh with N = N; x N, elements,
where N, and N, are the number of elements in the (¢, ;) di-
rections, respectively. Next, the two-dimensional structural wave
number domain is discretized as
K% ]T

1

k1=[k11 R

1

w2]"
kzz[kzl TR S kzk]

An approximate expression for the transformed velocity field is
obtained by evaluating Eq. (12) atdiscrete (k7, k) and numerically
integrating it over the discretized spatial domain

N

ﬁ(k{, k;) ~ Z V, exp[] (kfot’l" + kgaé")](SAm £0,,V (15
m=1

where V,, and §A,, are the velocity and the area of the mth ele-

ment, respectively,and ®,, is a complex row vector. Using Eq. (15),

the square modulus of the transformed discrete velocity can be ex-
pressed in a compact quadratic matrix form

sk, &) =v'er,0,VvEvie,V (16)

where ()* denotes a complex conjugate transpose. In the quadratic
form of Eq. (16), only the symmetric part of Q,, can be retained.
Because Q,, = @;‘q(@,q, it is a standard result that the imaginary
part of @,, is antisymmetric, and, therefore, Eq. (16) can be written
as

B(kr, k)|* = VIR(@, )V a7

where 3 () is the real part of ().
Using the discrete wave number field, the acoustic power [Eq.
(11)] is approximated

Pza)NkIZINkZZI AN ak;akg—‘
mo e
N 1N
=a Y ) Bl k)| 0
where o
R G PR 5
g, o Sk 8kS

g - () - (1)’

Introducing Eq. (17) into Eq. (18) yields

N —1NI-1
P=6Y Y VIBMQ)IV=VQV (19
r=1 g=1
where
N —1NZ-1
0,=06 Y Y BNy (20)
r=1 ¢g=1

To express the acoustic power in terms of the time-dependent
system states, the following algebraic manipulation, valid for all 7',
is performed:

1 T
P=VTQV = VTQUV|:7 / (e-"‘”e-"‘”)dt:|
0

T
:% / (Vel™y*Q,(Ve'™) dt 1)
0

and using Eq. (14) leads to

1 T
P== / X (NC) Q,Cox(1) dt (22)
0

Motivated by this equation, the transient stage acoustic power is
approximated by the following time average:

T
P = % / x* (1)’ CTQ,C,x(t) dt (23)
0

It is obvious that in steady state P = P.
The symmetric matrix Q,, defined in Eq. (20) as a weighted sum
of the matrices N(Q,,), can be decomposed as

0,=0'0, (24)

From Eq. (16), we can deducethatrank{®1(Q,,)} < 2, and therefore,
rank{Q, } L, < N. Consequently, @, is a full row rank matrix of
dimensionr X N.

Using these results in Eq. (23) and scaling it by the sensitivity
threshold Py Eq. (13), we obtain

1 [ A1 7
Praea = / [x" O JiCx 1 = = / p (p() dr
0 0

(25
where
c.2(1/yR)o.c, (26)
and
p(t) = Cox(1), dim[p(®)] =r (27)
The SPL is expressed as
Ly =10logq Pcated (28)

Equations (25-27) approximate the steady-state acoustic power
radiated by the structure into the far field using the time-dependent
system states. These expressions can now be incorporated into the
controller design procedure for explicit active attenuation of struc-
ture radiated sound, as is presented next.

Balanced Model Reduction

Dimensions of state-space representations of the structural dy-
namics, as obtained by FE modeling, tend to be very large. In the
ASAC context, the large number of DOF is required for accurate
representation of the spatial velocity field, used to obtain a reliable
approximation of the structure radiated acoustic power. However,
because of the relatively small number of actuatorsand sensors used
in actual implementations, some of the discretized system modes
will be only lightly controllable and/or observable. This could in-
crease the computational complexity and cause numerical difficul-
tiesin controllersynthesis. To comply with computationalefficiency
requirements and practical implementation considerations,systems
models with a relatively small number of states are desirable for
control synthesis.

Low-ordersystems can be efficiently obtained using the balanced
model reductiontechnique ® This may lead to a substantialreduction
inthenumber of states. For the truncation, the outputsof the structure
dynamics model include both the piezoelectricmeasurements given
by Eq. (3) and the variable p(¢) of Eq. (27) used to compute the
acousticpower. Properlocationofthe actuatorsand sensorsis crucial
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for efficient ASAC and affects the balanced truncation process. In
general, actuators and sensors should be placed in areas of expected
maximal structural bending moments. The optimal placement and
sizing of the piezoelectric elements was not covered in the current
study and is the subject of ongoing research, in which the balanced
realization technique could serve as a central synthesis and analysis
tool.

H., ASAC Design Setup

ASAC can be formulated as a disturbance rejection control
problem'* and can be solved by using readily available software.'”?
The structureis excited by a persistentexternal force or by an acous-
tic pressure, interpreted as disturbancesto the system. The goal is to
attenuatethe far-field steady-statestructure radiated acoustic power.
Theresults presented here assume that the structure dynamics model
is known exactly (no model uncertainty). Model errors that may re-
sult from modeling simplifications or the model reduction and trun-
cation procedures discussed earlier can be also incorporatedin this
controller synthesis scheme.

The H,, ASAC designsetupis shownschematicallyinFig. 1. This
setup incorporates the model of the structural dynamics (given by
the FE discretization), piezoceramicactuatordynamics, and various
frequency weighting functions that specify the controlled system
performance requirements and limitations. Additional blocks can
be added to the model of Fig. 1 to represent system uncertainties.
All of the inputs and outputs in this interconnection model can
be vector variables, depending on the particular ASAC setup. In
this setup, the external inputs consist of the scaled mechanical or
acoustic surface loads f and the scaled measurementnoises 7. The
generalized outputs include the scaled system variables p used to
express the acoustic power radiated by the structureinto the far field
and the scaled controller commands i.

The performance weighting function W, specifies the acous-
tic power reduction requirements of ASAC and is set to
1/+/(Pmax) - L.« r» where r =dim(p) and P, is the maximum al-
lowable acoustic power computed by Eq. (25). The band-limitedex-
ternal force f is modeled by the weighting function W, (s), shaped
as a bandpass filter at the corresponding frequency and a peak gain
that correspondsto the load magnitude F,. This approximatesa sin-
gle frequency excitation f(t) = F,e’ that can be handled by the
acoustic radiation model adopted in this study.

Piezoceramic actuators dynamic response is usually represented
by a high-pass filter, because they have a very limited direct current
capability. In this study, however, no dc or low-frequency actuation
is required, and all of the performance requirements are limited to
frequencieswell within the actuators operationrange. Therefore, the
actuatorsdynamics are neglected and the W, block could be omitted
orsetto W, = Iy, « n,. The voltage input to the piezoceramic actu-
ators is limited by the maximum allowable driving voltage, which
may decrease with frequency. In some cases this voltage is limited
by the available power source and not by the actuators themselves.
The controllerdesign setup of Fig. 1 accounts for these limits by the
weighting function W, that is set to 1/ Vi - In, x n,» Where Vi
is the maximum allowable driving voltage. The measurementnoise

P
U % f 7
-~ W, Wa f
p p Structure N
W, 1w, 2
Dynamics R
U "/—Va‘ U
y
y+n Y n
NN
Fommmm oo q
: Controller

Fig.1 ASAC design interconnection model.

of the piezoelectric sensors is assumed to be a zero mean, white
Gaussian stochastic process with standard deviation oy, , modeled
by W, = on, - In, x n,-

ASAC of a Thin Cylindrical Panel

In this section an active controller is designed to attenuate the
sound radiated by a shallow cylindrical panel at its first two vibra-
tional modes. For thin curved flexible panels it is common to have
closely spread natural frequencies correspondingto vastly different
modal shapes, as is the case for the second and third modes in this
example. Hence, the performance of the second mode controller is
examined for third mode excitation. The evaluation also includes a
comparison between controllers designed using the acoustic crite-
rion presented earlier and controllers designed for reducing the vi-
brationalpower. The latter are synthesizedusing the interconnection
model of Fig. 1 while replacingp with v as the performance outputs.

Geometry and Modeling

ASAC of a shallow aluminum cylindrical panel clamped along
its curved edges and simply supported along its long straightedges
is investigated. The panel radius of curvature is 1 m. The panel
is 0.001 m thick and 0.6 m long, and it spans an arc of 15 deg.
These dimensions are representative of fuselage panels in mid-
size commercial jets. The panel was modeled using 100 ANSYS
SHELL93 eight-node elastic shell elements, which was found to
represent the structural dynamics with sufficient accuracy. This re-
sulted in 1563 DOF, which were reduced to 117 by static conden-
sation. The FE model of the panel is shown in Fig. 2, where the
grey areas represent the piezoelectric elements. The panel is made
of aluminum with E,; =70 GPa, Poisson’s ratio v;, =0.3, and
mass density o =2400 kg/m’. The PZT and PVDF material pro-
perties are: Ef“T =58 GPa, v/ZT =0.3, and p™T=7800 kg/m?;
EVYPF =2 GPa, v}yPF = 0.3, and p"VPF = 1780 kg/m’. Their piezo-
electric propertiesare: strain constantsdi T =180 x 10> m/V and
di¥YPF = 23 x 1072 m/V, strain ratio d?T = 180 x 107> m/V
and d}'P" = 3 x 1072 m/V, and capacitance modulus of 379 x
108 F/m? for both PZT and PVDF.

Preliminary Acoustic Analysis

To determine the structural modes that radiate sound into the sur-
rounding medium, the open-loopacousticradiationefficiency, given
by Eq. (9), was determined for the first three modes: oy, = 0.14,
o3 = 0.90, and 0y, = 0.05. Clearly, the second mode radiates
sound most efficiently, whereas the efficiencies of the first and third
modes are lower by factors of about 8 and 20, respectively. The
mechanism behind these results is better understood by examining
Figs. 3-5, which show the spatial and transformed velocity distri-
butions for the first two fundamental vibrationalmodes. The higher
transformed velocity distribution of the second mode indicates the
higher acoustic power of that mode [see Eq. (11)].

Because of the extremely low radiation efficiency of the third
mode, controllers for the first and second modes only were synthe-
sized. Because of the similarity in the first and second mode shapes,

Fig.2 FE model of a controlled shallow cylindrical shell; gray areas
are the piezoelectric elements.
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Table 1 Effect of the piezoelectric elements on the first three
natural frequencies of the cylindrical panel, Hz

Model 1st mode 2nd mode 3rd mode
No PZT, full model 237.4 336.3 377.7
PZT, full model 216.0 344.9 362.8
PZT, reduced model 216.0 345.2 363.5

-02 0
oy [m] ay [m]
Spatial velocity distribution

x107°

Transformed velocity distribution

Fig. 3 First mode open-loop spatial and transformed velocity distri-
butions.

the piezoelectric sensors and actuators were sized and placed to
cover the areas of highest strain of the second mode vibrational
shape (see Fig. 2). This arrangementof sensors and actuators proved
effective for controlling the sound radiation of these two modes.

Next, the effect of the mass and stiffness of the piezoelectric
elements on the overall system dynamics was evaluated using FE
models with and without these elements. The natural frequencies of
the first three modes were compared for three models: cylindrical
panel only, the panel with the piezoelectric elements, and the latter
after static condensation. The results are presented in Table 1. The
considerable variation in the frequency values obtained for models
that include the mass and stiffness of the piezoelectric elements
clearly indicates the necessity of these inclusions. The small effect
of the order reduction on the model accuracy verified its validity for
the controller synthesis.

Controller Design

Following the placement of the piezoelectric elements, balanced
model truncation was performed to reduce the order of the sys-
tem model, while including the various performance specification
variables (p or v) as additional outputs. In both cases, the order of
the system was reduced from 234 to 85 states. Full-order 85 state
controllers were implemented in the subsequent analyses, without
performingadditionalcontrollerorder reduction. A total of four H
controllers were constructed.

In the design, the maximum voltage commands to the piezoelec-
tric actuators was set to a realistic value of V,,,, = 100 V, and
the measurements noise standard deviation was selected as oy, =
0.01 V. The bandpass frequency of the excitation shaping filter W,
was adjusted according to the first and second mode frequencies of
the structure. The maximum allowable acoustic power Py, for the
acoustic controllers synthesis and the maximum vibrational power
for the vibration controllers design were determined iteratively to
obtain maximum attenuation.

Simulation and Discussion
The full-ordermodel of the controlled structure was simulated us-
ing the various controllersand external force excitation frequencies.

-02 0 02

[N VRS ST
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Vibration control
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ASAC

Fig.4 Open- and closed-loop spatial and velocity distributions: second
mode control.

Open loop
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—

Vibration control
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Fig.5 Open- and closed-loop transformed velocity distributions: sec-
ond mode control.
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Fig. 6 Open- and closed-loop radiation efficiencies for the first three
modes.

In this manner the model reduction eftects could be evaluated quan-
titatively. In addition, second mode controller performance was ex-
amined for the closely located third mode excitation,which partially
evaluates the robustness properties of the controller.

The overall performance of the acoustic and vibration controllers
are examined by the open- and closed-loopradiation efficiencies of
the first three vibrational modes, shown in Fig. 6. The first and sec-
ond mode frequency excitation cases were simulated with acoustic
and vibration controllers designed specifically for these frequen-
cies. Itis evident that both the acoustic and the vibration controllers
proved very effective in reducing the radiation efficiency of these
modes, with a clear advantage of the acoustic control.

A larger difference between the acoustic and the vibration con-
trol can be observed in the effect of the second mode control on the
radiation efficiency of the third mode, which is open loop nonra-
diating. The second mode acoustic controller caused only a minor
increase in the closed-loop radiation efficiency of the third mode,
thus, provingitselfto be (atleast partially) robustto a certainlevel of
fluctuation in the excitation frequency. The second mode vibration
controller, however, increased the radiation efficiency of the third
mode almost seven times of its open-loop value, making it an even
more efficient sound radiator than the first mode in open loop and
the second mode in closed-loop. This result shows that vibration
controllerscan potentially increase the radiation efficiency of open-
loop poorly radiating modes. The implication is that low radiation
efficiency modes, which may have been neglected or truncated in
model reduction, can potentially become closed-loop radiating due
to vibration controller spilloverlike effects. This undesirable phe-
nomenon may be reduced by using the ASAC design methodology,
as is clearly demonstrated in this study.

The SPL reductions achieved by the first and second mode con-
trollers are presented in Table 2. Clearly, both the acoustic and vi-
bration controllers were able to achieve significant reductionsin the
sound radiated by the first two vibrational modes. These reductions
ranged from 28 to 48% of the uncontrolled SPL. ASAC performed
better than vibration control by a margin of 6-7%.

Further insight into the controllers performance is gained from
the examination of open- and closed-loop pole locations, presented
in Figs. 7 and 8. The corresponding frequency and damping co-
efficient data are in Table 3. These data reveal that ASAC mainly
affected the natural frequenciesof the structure, whereas the greatest
effect of vibration control was to increase the structural damping.
This demonstrates the different mechanismsinherentto the acoustic
and vibration control schemes, resulting from the different control
design criteria.

Because of the aforementioned proximity of the second and third
natural frequencies, the effect of second mode controllers on the
location of the third mode poles merits particular attention. Figure 8
shows that the second mode vibration controller significantly in-
creased the closed-loopdamping of the third mode without affecting
its natural frequency. From the viewpoint of acoustic control, this
effect is undesirable because it increased the closed-loop radiation
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Table 2 SPLs for open- and closed-loop systems

Acoustic control

Vibration control

Mode Open-loop SPL,dB  %reduction SPL,dB % reduction
1st 95 49 48 56 41
2nd 96 64 34 70 28

Table 3 Open- and closed-loop natural frequencies, Hz, and
associated damping coefficients for acoustic and vibration control

1st mode 2nd mode 3rd mode
Control Frequency ¢ Frequency ¢ Frequency ¢
Open loop 216.02 0.0068 345.18 0.0108 363.52 0.0114
Acoustic, 167.42 0.6573 236.24 0.0608 344.51 0.0344
1st mode
Acoustic, 187.58 0.1329 318.32 0.0671 356.80 0.0144
2nd mode
Vibration, 217.31  0.6399 275.54 0.2288 321.04 0.0719
1st mode
Vibration, 206.21 0.2121 320.85 0.0666 363.52 0.3073
2nd mode
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Fig.7 Pole location map: first mode control.
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efficiency of the third mode. The second mode acoustic controller,
however, had very little effect on the third mode pole location, leav-
ing its low radiation efficiency intact.

Additional understanding of the physical phenomena behind
acousticand vibration control can be gained by examining the shape
of the structural velocity and the distributionof its wave number do-
main transformation, shown in Figs. 4 and 5, respectively, for the
second structural mode. Both the acoustic and the vibration con-
trollers were able to attenuate the structural velocities. ASAC re-
sulted in a less regular closed-loop vibrational shape, usually lead-
ing to lower sound radiation power. The transformed velocity field
shows that ASAC resultedin a slightly less radiating shape (smaller
volume of the transformed velocity over the radiating circle) that
accounts for its greater SPL reduction.

Conclusions

A methodology for the design of ASAC was presented. Acous-
tic structural and piezoelectric FE analysis was shown to provide
a powerful tool for ASAC design. The structure dynamics model,
which includes simple yet accurate model of piezoelectricactuation
and sensing, is presented in state-space form. The acoustic power
radiated by the vibrating structureinto the far field is expressed as a
quadratic form of the system states that is then used in the design of
an H,, disturbancerejection controller. ASAC of a thin cylindrical
panel was synthesized using this methodology. The superiority of
the proposed control methodology over conventional vibration con-
trol was demonstrated. The ASAC controllerprovedless sensitive to
variations in excitation frequency, outperforming the vibration con-
troller in cases of undesirable spillover due to dense natural modes
of flexible thin-walled cylinders.
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